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Abstract

This paper aims to investigate both experimentally and analytically the heat transfer characteristics in a porous heat

sink characterized by straight circular ducts. This kind of heat sink is appreciated in miniaturized heat dissipation

applications owing to the low ¯ow resistance in comparison with its bead-characterized counterparts. The test systems

were established for air and water ¯ows and the experiments were conducted with the cell Reynolds number Re ranging

from 6.7 to 545 and 8.5 to 990, respectively. The theoretical modeling is conducted based on a two-equation model. The

measured wall temperature rises and the Nusselt numbers are presented for both working ¯uids. In the air experiment, a

Re1:05 dependence is found for the Nusselt number, while in the water experiment, the Re dependence is logarithmic.

The theoretical results are compared with the experimental measurements and the agreement is satisfactory. Ó 2001

Elsevier Science Ltd. All rights reserved.

1. Introduction

With the trend towards increasing scales of integra-

tion in the IC industry, heat sinking technologies with

higher level of performance are required to pursue and

develop to meet the elevated power dissipation require-

ment in electronic devices. To this end, the microchannel

structure has been proposed as a high-e�ective cooling

technique and the corresponding experiment and anal-

ysis showed that the heat removal capacity approached

as much as 790 W/cm2 or even more [1,2]. More detailed

analysis of the heat transfer in microchannels can be

found in recent literature such as the numerical study by

Yin and Bau [3].

The use of porous media is another e�ective means in

the heat removal from electronic components. Testing

and modeling of porous systems under lateral wall

heating condition have been conducted for various po-

rous structures [4±12] and, mostly, porous systems

characterized by spherical beads were used. Although

the heat transfer results may vary from case to case [6],

conclusion has been drawn that the heat transfer ca-

pacity in porous systems increases as the representative

pore size decreases, which is known as the miniaturiza-

tion in the cooling technologies. On the other hand,

however, a decrease in pore size leads to a much in-

creased pressure drop or ¯ow resistance due to the ¯ow

tortuosity inherent in most porous systems, which be-

comes di�cult to maintain in miniaturized heat sink

units.

To overcome this shortcoming, practices with the use

of porous systems characterized by straight ducts

are recommended on the guiding principle that a less

tortuous pore structure will produce a lower ¯ow resis-

tance. As we will demonstrate in this paper, the ¯ow

resistance for porous heat sinks characterized by straight

circular ducts is generally 10 times less than that for

bead-characterized counterparts whereas the overall

heat transfer is not weakened. Thus, in the e�orts to seek

more cost-e�ective heat dissipation units, straight-duct

characterized porous heat sinks are much appreciated

and require intensive studies in both theory and exper-

iment. Based on the volume averaging method [13,14],

Zhang et al. [15] conducted a two-equation modeling for

porous media characterized by straight rectangular

ducts. It was found that the Nusselt number based on
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the wall to the bulk ¯uid temperature di�erence was

mainly determined by the solid-to-¯uid conductivity

ratio and varied with the product of the cell Reynolds

number and Prandtl number, or the cell Peclet number.

This modeling was limited to the ¯uid ¯ow with a low or

moderate cell Peclet number. With a modi®cation in the

solid±¯uid heat transfer coe�cient at the unit cell level,

the volume averaging model was extended to laminar

¯uid ¯ow cases with a high Peclet number [16]. Exper-

imental investigation of the heat transfer in porous

systems characterized by straight ducts was not report-

ed. An overall assessment of such type of porous systems

as against other types of porous systems was not con-

ducted as well.

In this paper, we deal both experimentally and ana-

lytically with the heat transfer problem in a porous heat

sink characterized by straight circular ducts, as illustrated

in Fig. 1. Heat is input from the upper sidewall of the heat

sink and then transported by the working ¯uid. In con-

trast to the random pore structure and tortuous ¯ow in

most porous systems, the straight circular ducts are uni-

formly and unidirectionally arranged in a solid matrix so

that the working ¯uid ¯ows through at the shortest path.

The test systems were established for two easily available

working ¯uids, air and water. The theoretical analysis

associated with the two ¯uids is performed based on the

Nomenclature

A �WH, apparent ¯ow cross-section area

Al �H/l, the ratio of the system height to

the unit cell length scale

AL �L/H, the length to height ratio

c0 empirical constant

cf ;app apparent friction factor for in-tube ¯ow

dc diameter of a circular tube

dp bead diameter

f(x) correction function, Eq. (9)

G volumetric ¯owrate

h heat transfer coe�cient, Eq. (3)

H height

Huc unit-cell-level heat transfer coe�cient

kf , ks thermal conductivity of the ¯uid and the

solid, respectively

Kf ;eff , Ks;eff e�ective thermal conductivities in energy

Eqs. (5), (6), reduced by kf

Kfs;zz, Ksf ;zz thermal conductivity components in the

volume averaging method

l length scale of a unit cell,� dp for a

bead-characterized porous system

L length of a porous system

Nu Nusselt number, Eq. (4)

Pr Prandtl number

Qnet net heat input rate

Qf thermal energy rate transported by the

¯uid

Qt electrical heating power input

Re � qGl/lA, cell Reynolds number

T temperature

T1, T2, T3 wall temperatures at locations L/6, L/2

and 5L/6 from the inlet, respectively

um �G/A, mean velocity

W width

x, z dimensionless coordinate variables in

longitudinal and transverse directions,

respectively, reduced by H

Greek symbols

e volume fraction for the ¯uid

c permeability for sintered bead systems

j solid-to-¯uid thermal conductivity ratio

l dynamic viscosity for the ¯uid

dimensionless temperature

qc heat capacity for the ¯uid

s ¯ow resistance

Subscripts

f ¯uid

in inlet ¯uid

m mean

s solid

w heated wall

Fig. 1. A porous heat sink characterized by straight circular

ducts with heat being input from the upper wall.
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previous modi®ed model [16]. Moreover, the heat trans-

fer results from straight-duct characterized porous heat

sinks are compared with the reported results from the

bead-characterized counterparts. It is found that the

porous heat sink investigated in this paper is capable of

providing an equivalent heat transfer capacity with a

greatly reduced ¯ow resistance, and that the heat transfer

can be even better when the ¯ow resistance in the two

cases is maintained at the same level.

2. Experimental measurement

2.1. Test systems

The test system for air ¯ow is schematically shown in

Fig. 2. The pressure head was produced by an air

compressor with an adjustable supply pressure ranging

from 0 to 100 psi. The ¯owrate was measured by air

¯owmeters with a factory-calibrated accuracy of 2.5% in

full scale but di�erent measurement ranges. In the ex-

periment, only the ¯owrate above 25% of the full scale

was recorded to ensure su�cient accuracy. The ¯owrate

was ®ne tuned by the needle valve. A ®lter was con-

nected in the airway upstream the ¯owmeters. For the

water experiment, the pressure head was maintained by

the tap water and the ¯owrate was obtained by

measuring the volume of water during a time interval.

All the water experiments were conducted at late night

times to minimize the ¯uctuation in the pressure head

and ¯ow rate. The working ¯uid, air or water, was

forced through the test section, carrying away the heat

input from the upper sidewall of the porous heat sink.

The detail of the test section is shown in Fig. 3. It

mainly consists of the porous heat sink, the strip heater

and the temperature measurement apparatus. The

porous heat sink, fabricated by uniformly drilling 5� 13

circular ducts in a rectangular aluminum alloy block (see

Fig. 1), is 60 mm long (L), 31.2 mm wide (W) and 12 mm

high (H), with a machining excess of 0.4 mm. The di-

ameter dc of each duct is 1.5 mm. The porous heat sink

was connected mechanically to the ¯ow channels with

¯anges and adapter sleeves. The ¯ow channels upstream

and downstream the test section were made of PVC,

with the inner diameters 25 and 14 mm, respectively.

The slenderer inner diameter for the downstream ¯ow

channel helped to improve the measurement of the mixed

mean ¯uid temperature at the outlet of the test section.

The strip heater was attached on the upper surface of

the heat sink, simulating the heating from an electronic

component. The heating power input Qt was read out

from a digital voltmeter in parallel connection and a

digital ammeter in series connection, and could be varied

by adjusting an a.c. variac. An aluminum foil tape was

used between the heater and the upper wall to ensure

good thermal contact. The heat sink was thermally in-

sulated from the ambient environment.

To implement the temperature measurements of the

heated wall, three pairs of slots with rectangular cross-

sections of 1:5� 0:6 mm2 were milled in the upper wall

of the heat sink, 10, 30 and 50 mm downstream the inlet

of the heat sink, respectively. Three pairs of thermo-

couples were installed inside the corresponding slot

pairs, with each pair of thermocouples measuring the

wall temperatures right at the centerline and 10 mm o�

the centerline. Each thermocouple was ®xed with a ®ne

copper mesh sheet to ensure good thermal contact with

the wall. The detailed arrangement of the thermocouples

is shown in Fig. 3. The arithmetic averages of the

measured temperature pairs at the same longitudinal

locations are denoted by T1, T2 and T3 representing the

wall temperature pro®les, respectively. The e�ect of the

slots on the overall heat transfer was negligible while the

accommodation of thermocouples in the slots avoided

Fig. 2. Schematic of the air-cooling system.
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direct contacting of the thermocouples heads with the

heater and thus warranted more accurate measurements.

Two thermocouples were deployed in the ¯ow

channels 40 mm upstream the inlet and 80 mm down-

stream the outlet of the heat sink to measure mixed

mean ¯uid temperatures at the inlet and outlet. The lo-

cations of the two thermocouples could be altered in the

cross-sections to examine the temperature variation in

the ¯ow cross-section. Two calibrated digital thermo-

meters were used for temperature reading.

2.2. Experimental procedure

For air ¯ow, the test was conducted under the fol-

lowing conditions: the heating power input Qt was

varied from 8 to 30 W, the ¯owrate G was from 1 to 81 l/

min and the cell Reynolds number Re, de®ned by qGl/

lA, was from 6.7 to 545. For the water experiment, Qt

was varied from 40 to 130 W, G from 1.13 to 132 ml/s

and Re from 8.5 to 990. The experiment was started by

forcing the working ¯uid through the test system and

then switching on the electrical heater. After a certain

time period, typically 2 h for the air experiment and

30 min for the water experiment, the thermal equilibri-

um was achieved, at which the variation in the wall

temperature was observed less than 0.1°C in several

minutes. The wall temperatures and the ¯uid tempera-

tures at the inlet and outlet, as well as the ¯owrate, were

recorded simultaneously.

The net thermal energy rate transported by the ¯uid

was determined by two ways, depending on the ¯owrate.

At a ¯owrate larger than a reference ¯owrate G0

(G0� 30 l/min for air ¯ow and 6 ml/s for water ¯ow), we

®rst found the heat loss by inputting an electrical heating

power to the test section under no-¯ow condition and,

when the thermal equilibrium was attained, this power

input was taken as the heat loss Qloss. In the experiment,

a heat loss of 3.9 W was found at a mean wall tem-

perature of 60°C. Under normal test conditions, the net

thermal energy was obtained by the power input minus

the heat loss, i.e.,

Qnet � Qt ÿ Qloss; G > G0: �1�
As for the low ¯owrate case, the heat loss became

comparable in magnitude to Qt and Eq. (1) would lead

to a signi®cant error in Qnet. Since in this situation the

outlet ¯uid temperature was relatively uniform in

the cross-section, the net thermal energy carried away by

the ¯uid can be calculated by the inlet to outlet ¯uid

temperature di�erence, DTf , i.e.,

Qnet � qcumADTf � qcGDTf ; G6G0: �2�

Fig. 3. The test section.
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The heat transfer coe�cient, h, for the porous heat sink

is obtained by

h � Qnet

LW Tw;m ÿ Tin� � ; �3�

where Tw;m is the mean of T1, T2 and T3. The overall

Nusselt number is calculated by

Nu � hH
kf

; �4�

L, W and H in Eqs. (3) and (4) are the length, width and

height of the porous heat sink illustrated in Fig. 1. Note

that, in this experimental procedure, all the material

properties were based on the inlet ¯uid temperature.

2.3. Measurement uncertainty

Type-T thermocouples (copper±constantan) were

utilized to measure both the ¯uid and the wall tem-

peratures. These thermocouples were carefully made so

that the indicated temperatures in the thermometers

deviated within 0.2°C with a temperature calibrator at

25°C and 70°C. Thermocouples with a deviation larger

than 0.2°C were disused. Thus the errors in temperature

measurements with thermocouples were estimated to be

0.2°C. The maximum error in the volumetric ¯ow rate G

and the cell Reynolds number Re was estimated to be

8%. The error of the input electrical power Qt was about

2%, while the error of Qnet at small ¯owrates was less

than 7%. With Eqs. (1)±(4) and the root-sum square

method [17], we estimated that the uncertainty of h and

Nu was 10% for the air experiment and varied from 7%

to 13% for the water experiment, depending on the ¯ow

conditions.

3. Theoretical analysis

In the theoretical analysis, the ¯uid and the solid are

treated as continua. Considering the uniform and

straight microstructure characterized in the present test

model, macroscopically the Darcy ¯ow is imposed,

while at the unit cell level the laminar ¯ow is assumed.

The transverse thermal dispersion which is generally

used in describing heat transfer in bead-characterized

porous systems vanishes here due to the unidirectional

¯ow in straight ducts. The material properties are

assumed constant, evaluated at the inlet ¯uid tem-

perature. The x-direction heat transfer of the solid

matrix at the inlet and the outlet to the ¯uid is ignored.

Since in the experiments the lateral walls of the heat

sink were insulated, the spanwise heat transfer is not

considered and the problem is two-dimensional. The

dimensionless energy equations for the ¯uid and the

solid are written as

e
o2hf

ox2
� Kf ;eff

o2hf

oz2
� A2

l Hucf �x� hs� ÿ hf�

� AlRePr
ohf

ox
; �5�

�1ÿ e�j o2hs

ox2
� Ks;eff

o2hs

oz2
ÿ A2

l Hucf �x� hs� ÿ hf� � 0; �6�

where hf and hs are the dimensionless temperatures for

the ¯uid and the solid, de®ned by

hf � Tf ÿ Tin

Tw;m ÿ Tin

; �7�

hs � Ts ÿ Tin

Tw;m ÿ Tin

; �8�

e is the volume fraction of the ¯uid, j is the solid-to-¯uid

thermal conductivity ratio, and Re Pr is the product of

Re and Pr. It should be pointed out that hf and hs do not

denote the actual point-wise temperature ®elds in porous

media. Rather, they represent the volume averaged

temperature ®elds and are meaningful at the

macroscopic level.

The feature of the energy Eqs. (5) and (6) lies in the

fact that the e�ects of the microstructure and the con-

stituentsÕ properties are incorporated into the transport

parameters. These transport coe�cients are obtainable

using the volume averaging analysis [13±16]. The e�ec-

tive thermal conductivities in the x direction are ob-

tained immediately as the intrinsic values for the two

phases. Kf ;eff and Ks;eff represent the e�ective thermal

conductivities in the z direction and can be numerically

determined following the numerical method in [15].

Di�erent from [15,16], the additional conductivity

components in the volume averaging analysis, i.e., Kfs;zz

and Ksf;zz (see [16]) are combined in the conventional

conductivities so as to be consistent with most empirical

models. Such a combination does not produce a signif-

icant deviation (less than 1%) from the modeling equa-

tions given in [16]. The sum of Kf ;eff and Ks;eff

corresponds to the e�ective thermal conductivity in the

one-equation modeling. For the air ¯ow case, j� 4580

and we ®nd that Kf ;eff � 0.476 and Ks;eff � 2400. For the

water ¯ow case, where j� 200, much smaller than the

air ¯ow case, we obtain Kf ;eff � 0.475 and Ks;eff � 105.1.

It is the discrepancy in j that renders Ks;eff signi®cantly

di�erent for the two cases and, as will be shown later,

a�ects the heat transfer patterns in connection with Re.

The solid-to-¯uid heat transfer coe�cient in the last

terms on the left-hand side of the energy equations (5)

and (6) consist of three parameters: the macroscopic to

microscopic length scale ratio Al�H/l, the unit-cell-

level heat transfer coe�cient Huc, and a correction

function f(x). Al is not related to the detail of the unit

cell geometry and the constituents. For a given H, the

smaller the cell length scale l is, the higher Al and the
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overall heat transfer rate are. In the present case,

l� 2.4 mm and Al� 5. The determination of Huc requires

a closure solution over a unit cell as discussed in [13,14]

and [16]. In our cases, it is found that Huc� 25.13 for air

¯ow and 25.08 for water ¯ow. In fact, the value of Huc

becomes very close to the asymptotic result 8p at

j > 100. The function f(x) used in Eqs. (5) and (6) ac-

counts for the thermal entrance e�ect on the heat

transfer coe�cient at the unit cell level, which has been

justi®ed in detail in [16]. It is determined by

f �x� � c0Nux

Nux jx!1
: �9�

Here Nux, the local Nusselt number for a circular tube

with a diameter dc under the isothermal boundary con-

dition, can be found in [18] and has its asymptotic value

Nuxjx!1 � 3:657 when the heat transfer is fully devel-

oped. The empirical coe�cient c0 was numerically found

to be around 0.5 for porous systems characterized by

straight rectangular ducts with j� 103 [16]. In the

present analysis, although the geometry of the straight

duct is circular and the values of j are di�erent, the

value of 0.5 for c0 is still used. As will be shown later, the

theoretical analysis with this value for c0 agrees well with

the experiment.

The boundary conditions for the energy equations (5)

and (6) are given as follows:

hf � 0;
ohs

ox
� 0; at x � 0; �10�

ohf

ox
� ohs

ox
� 0; at x � AL; �11�

ohf

oz
� ohs

oz
� 0; at z � 0; �12�

hf � hs � hw�x�; at z � 1: �13�
Note that the wall temperature hw(x) in Eq. (13) can be

found from the experimental measurement. For an iso-

thermal wall,

hf � hs � hw�x� � 1; at z � 1: �14�
By using Eqs. (2) and (4), the Nusselt number takes the

form

Nu � Al

AL

RePr
hw;m

Z 1

0

hf jx�AL
dz: �15�

The energy Eqs. (5) and (6) are discretized by the con-

trol-volume ®nite di�erence method and solved by the

Tri-Diagonal Matrix Algorithm (TDMA). The detail

has been discussed in [19] and is not shown here. The

numerical solution is viewed to be convergent when the

relative changes between successive iterations in a

monitoring temperature and the Nusselt number are less

than 10ÿ6. A grid system with a size of 46� 62 is em-

ployed and ®ner grid steps are deployed in the regions

near the boundaries of the entrance and the heated wall.

The Nusselt numbers from this grid size are compared

with those from a ®ner grid size of 66� 92 at two values

of Re Pr: 30 and 300. The di�erences are found less than

0.2%. Therefore, the 46� 62 grid size is used throughout

the numerical calculations.

4. Results and discussion

4.1. Wall temperature rise

The wall temperature rises along the longitudinal

direction, T1 ÿ Tin; T2 ÿ Tin; T3 ÿ Tin, are shown vs. the

cell Reynolds number Re in Fig. 4 for the air experiment

and in Fig. 5 for the water experiment. It is seen that as

the value of Re increases, the temperature rise changes

from 8.7°C to 57.6°C for air ¯ow and 4.0°C to 23.7°C

for water ¯ow. It is also seen that the maximum di�er-

ences among the temperature rises for T1, T2 and T3 take

place at the lowest Re and are within 5°C for both ex-

periments, indicating that a good uniformity in the wall

temperature is achieved for the present heat sink. For

the comparison purpose, we show in Fig. 4 the wall

temperature rises under the same power input for air

cooling a sintered bronze-bead system with a particle

diameter dp� 1.59 mm and a size 5 cm� 5 cm� 1 cm

[11]. The wall temperatures T1, T2 and T3 in that case are

taken at the corresponding wall locations and interp-

Fig. 4. Air experiment: the plot of the wall temperature rise vs.

Re at Qt� 20 W, with T1, T2 and T3 denoting the wall tem-

peratures at locations L/6, L/2 and 5L/6 from the inlet of the

heat sink, respectively. The wall temperature rises in Ref. [11]

are shown for comparison.
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olated from the temperature measurements therein. It is

seen that there are signi®cantly larger temperature

variations in the wall temperature for the sintered

bronze-bead system, although the mean wall tem-

perature rises are lower than the present model due to

the lower heat ¯ux therein. Hence the present heat sink

is preferred in eliminating the excess local high tem-

perature of a heated wall.

4.2. Temperature ®elds

From the measured three-point wall temperature, we

can obtain the ®tted wall temperature pro®le hw(x) and,

with the aforementioned theoretical analysis, calculate

the detailed temperature ®elds for the solid matrix and

the ¯uid, respectively. The calculated temperature pro-

®les for air experiment is shown in Fig. 6 with Re� 336

(G� 50 l/min). Although in the tests the working ¯uid

bulk was separated by unconnected ducts and discon-

tinuous in space, the modeled ¯uid temperature pro®le is

continuous, representing the volume averaged ¯uid

temperature at the system level. It is seen that the tem-

perature pro®les for the ¯uid and the solid are signi®-

cantly di�erent. The dimensionless ¯uid temperature hf

increases gradually along the x direction, while hs is

askew distributed, indicating that a two-equation mod-

eling is imperative.

The temperature pro®les for the water experiment at

Re� 67.2 (G� 8.95 ml/s) is shown in Fig. 7. The calcu-

lated dimensionless solid and ¯uid temperature pro®les

are displayed in Fig. 7(b) and (c), respectively, and the

discrepancy between hf and hs, like air ¯ow, is obvious.

In the water ¯ow case, however, the solid temperature

variations in both the transverse and longitudinal di-

rections are more pronounced due to the lower value

of j. Accordingly, the ¯uid temperature pro®le is more

askew distributed than the air ¯ow case.

The Nusselt numbers for the two ¯uids are also cal-

culated and compared to those with the results cal-

culated under the isothermal boundary condition (14).

The discrepancies are found less than 3%. For the sake

of convenience, the following theoretical results are

presented based on the isothermal boundary condition

instead of the measured wall temperature pro®les.

4.3. Nusselt number

In this subsection, we present both measured and

calculated results for the Nusselt numbers based on the

wall to the inlet ¯uid temperature di�erence. The func-

tional dependence of the measured Nusselt numbers on

the Reynolds number Re is shown in Fig. 8 for air ¯ow

and Fig. 9 for water ¯ow, respectively, along with the

calculated results from the theoretical analysis. For

the air experiment, the experimental data is ®tted by the

following power functional correlation

Nu � 0:544Re1:05: �16�

Fig. 6. Calculated temperature ®elds for air ¯ow: (a) the ®tted

wall temperature pro®le hw�x�; (b) the solid temperature hs;

(c) the ¯uid temperature hf .

Fig. 5. Water experiment: the plot of the wall temperature rise

vs. Re at Qt� 106 W.
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The maximum deviation of this correlation from the

experimental data is 14%. The ®tted curve has been

shown in Fig. 8. The comparison between the exper-

imental data and the theoretical results shows that over

most of the Re range, the agreement is satisfactory. At

Re� 350, the experimental results exceed the theoretical

values by 20% or more as Re further increases. The

higher experimental values may be due to the transition

to turbulence occurring in the upstream ¯ow channel,

where the diameter was larger and the channel Reynolds

number would exceed the transition Reynolds number,

typically 2300 for in-channel ¯ow.

For the water experiment, we obtain the ®tted Re±Nu

correlation as

Nu � 54:6 ln Reÿ 77:7; �17�
which is plotted in Fig. 9 against the experimental data.

A maximum deviation of 16% is found for this corre-

lation compared with the experimental data. Again we

compare the theory and the experiment and the ®nd that

they are fairly close at the test range of Re. The higher

experimental values of Nu at a large value of Re can be

explained in the same way as the air experiment.

It has been seen that in the similar range of the

Reynolds number, the power dependence of Re found

for the air experiment is stronger than the logarithmic

dependence for the water experiment, as shown in the

®tted Eqs. (16) and (17). This di�erence can be attrib-

uted to the signi®cantly di�erent values in the solid±¯uid

thermal conductivity ratio j for the two cases. In the air

experiment, the value of j is one order-of-magnitude

higher and the heat conduction inside the solid is

stronger. Thus the overall thermal resistance arises

mainly from the air side and a convection-dominated

dependence (Ren dependence) is achievable. For the

water experiment, j is lower, the heat conduction in the

solid becomes comparable in magnitude to the convec-

tive transport of the ¯uid and thus the overall heat

Fig. 8. Nusselt number for air ¯ow: experimental results and

comparison with theoretical analysis.

Fig. 9. Nusselt number for water ¯ow: experimental results and

comparison with theoretical analysis.

Fig. 7. Calculated temperature ®elds for water ¯ow: (a) the

®tted wall temperature pro®le hw�x�; (b) the solid temperature

hs; (c) the ¯uid temperature hf .
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transfer is conjointly determined by both heat transfer

mechanisms, suggesting a less strong dependence on the

¯ow parameter Re.

It is noted that the heat transfer coe�cient h, which

is of practical interests, ranged from 7:6� 10ÿ4 to

0.106 W/cm2 °C for the air ¯ow case and from 0.21 to

1.64 W/cm2 °C for the water ¯ow case. The results for

the water experiment are much less than the heat

transfer coe�cients for microchannels, in which a heat

¯ux 790 W/cm2 was attained with a maximum wall rise

to inlet water temperature of 71°C [1]. If we could reduce

the unit cell dimension for the present heat sink to that

of the microchannel, which is 100 lm [1], the values of h

for water ¯ow would range from 5.0±39.4 W/cm2 °C.

This conceptual comparison suggests that the present

heat sink essentially could compete with the microchan-

nels. However, due to the limitation in the scope of this

study, in what follows we will present a detailed com-

parison of the straight-duct characterized porous sys-

tems with bead-characterized counterparts instead of the

microchannel structure.

4.4. Heat transfer comparison with bead-characterized

systems

The present experimental results for Nu are com-

pared with the results from two reported cases: a sin-

tered bronze-bead system with dp� 1.59 mm in Hwang

et alÕs work [11] and a packed-bead system with dp� 8

mm from [7]. In the ®rst case, air was used as the

working ¯uid and the wall temperature pro®les were

presented there, but the overall heat transfer results were

not given. Here Nu is calculated in the form of Eq. (4)

for the bead system to make the comparison. For con-

sistency, in the calculation of Nu, the arithmetic average

of T1, T2 and T3 are used as the mean wall temperature

Tw;m. Such a procedure leads to a deviation generally

within 3% in the spatial-weighted average wall tem-

perature from their more detailed measurements, which

is negligible in the present analysis. The results for Nu

are displayed in Fig. 10, together with the present cor-

relation Eq. (16) for air ¯ow. It is found that Hwang

et alÕs results are overall slightly higher than those from

Eq. (16). Considering that the ratio Al� 6.29 in their

work was higher than Al� 5 in the present case, which

could contribute to the surplus in Nu, the heat transfer

results from the two systems are essentially very close. In

the second case [7], water was used as the working ¯uid

and the Nusselt number was based on the e�ective

conductivity and channel length. The Nusselt number is

recalculated in terms of the ¯uid conductivity and

height, i.e., Eq. (4), and displayed in Fig. 10 in com-

parison with the present correlation (17) for the water

experiment. It is seen that our results are overall twice of

those for the packed bead system.

With the theoretical modeling given in this paper, we

may further compare the heat transfer performance of

the present straight-duct characterized heat sinks with

the sintered copper-bead systems investigated by Peter-

son and Chang [12]. The heat dissipation capacity of

Peterson and ChangÕs systems was high among the re-

ported results for the similar systems. In their work, the

heat transfer coe�cients were presented for six tests with

three particle sizes and two inlet water temperatures and

the system parameters are listed in Table 1. Since our

Fig. 10. Heat transfer comparison of the present heat sinks

with the bead-characterized systems from [11] and [7].

Table 1

Comparison of the straight-duct-characterized heat sinks with the sintered copper-bead heat sinks tested by Peterson and Chang [12]

No. Parameters Nusselt numbers

l

(mm)

Tin (°C) Re Pr Flow resistance

ratio s1=s2

Ref. [12] Present heat

sink

Present heat sinks

under s1=s2 � 1

1 0.97 60 27.2 10.4 130 136 560

2 0.97 30 29.2 10.4 128 145 585

3 0.54 60 15.0 14.6 146 140 776

4 0.54 30 16.0 14.6 130 150 816

5 0.39 60 39.1 9.23 59.7 53.5 313

6 0.39 30 41.9 9.23 53.5 57.1 327
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test model is di�erent from their test systems, such as in

the length scale of the unit cell and the material of the

solid matrix, we theoretically calculate the correspond-

ing Nusselt numbers for the present heat sinks based on

their reported parameters [12] except the geometry of the

unit cell. The calculated results for the present heat sinks

are listed in the seventh column of Table 1, in compar-

ison with the Nusselt numbers for the sintered bead

systems in the sixth column of Table 1, which are eval-

uated with the heat transfer coe�cients from their sys-

tems. It is shown that these two columns of results are

very close despite of the di�erent unit-cell geometries

characteristic in the two types of systems. This conclu-

sion seems to be debatable at ®rst glance since for the

sintered bead system, the ¯ow is more tortuous, a higher

value of Huc is achievable and thus a higher level of heat

transfer is expected. This doubt can be cleared up by

considering the fact that during the sintering process, the

neck growth between beads takes place very randomly

and, unavoidably, results in nonuniform or even poor

consolidation in space [20], which undermines the heat

conduction in the solid matrix and thus o�sets the gain

in Nu due to the increase in Huc. It should be pointed out

that in most thermal energy storage processes where the

transverse conduction is insigni®cant, it is the bead-

characterized instead of the straight structure that pro-

vides more e�ective heat transfer and is widely used in

practice [21,22].

It is of practical concern to take into account the ¯ow

resistance in the heat transfer analysis. The unit-cell-

level ¯ow resistance of the heat sink characterized by

straight circular ducts can be estimated by the following

equation

s1 �
2 cfappRec

ÿ �
lum

ed2
c

: �18�

Here Rec is the Reynolds number based on dc and cfapp is

the apparent average friction coe�cient for a laminar

¯ow in a circular tube, which accounts for the hydraulic

entrance e�ect. The determination of the product

(cfappRec) can be found in [18]. For the sintered bead

systems, the following formula is used to evaluate the

¯ow resistance [12]

s2 � l
um

c
; �19�

where the permeability c for the sintered systems was

given in [12]. The results for the ¯ow resistance ratio s2/

s1 have been shown in the ®fth column of Table 1 for all

the six tests. It is seen that the ¯ow resistance ratios vary

from 9.23 to 14.6, indicating that the ¯ow resistance for

a straight-duct-characterized heat sink is greatly reduced

owing to the straightness in microstructure. On the other

hand, if Re for the present heat sink is increased so that

the ¯ow resistance reaches at the same level as the sin-

tered bead systems, i.e., s2/s1� 1, it is anticipated that a

higher heat transfer ability can be achieved in compar-

ison with the bead-characterized counterparts. As such,

the Nusselt numbers are calculated for the straight-duct

characterized heat sinks under the same ¯ow resistance

as the corresponding sintered bead systems. The results,

as listed in the eighth column of Table 1, are about 4±6

times of the Nusselt numbers from the sintered bead

systems.

5. Conclusions

In this paper, the heat transfer measurements and

theoretical analysis for a straight-duct characterized

porous heat sink were performed for both air and water

¯ows. The experiments were conducted with the cell

Reynolds number Re ranging from 6.7 to 545 for air

¯ow and 8.5 to 990 for water ¯ow. The wall tempera-

tures and the Nusselt numbers are presented and the

functional dependence of Nu on Re is correlated for

both ¯ows, as shown in Eqs. (16) and (17) and Figs. 8

and 9. In the theoretical analysis, the detailed tem-

perature ®elds in the heat sink are calculated and pre-

sented. Comparison of the theoretical results with the

experimental measurements is conducted and satisfacto-

ry agreement is achieved. Furthermore, the comparison

with the reported results from bead-characterized

porous systems shows that the straight-duct-character-

ized heat sink provides a more competitive heat transfer

capacity when the ¯ow resistance parameter is taken

into account, and is of practical advantage in the de-

signing of miniaturized heat sinks.
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